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On-Line Thermal Balancing 
Technique for a Large Turbo-
Generator 
In this paper a new technique is proposed to rebalance automatically a large turbo-
generator during operation. The sensitivity of the rotor unbalances to thermal asym-
metries in the rotor is exploited by mounting some heating elements and using them 
as actively controlled actuators. The shaft vibrations are measured and used as input 
signals of the feedback controller. Unbalances thus can be compensated during rotor 
operation. A theoretical model of the thermo-elastic rotor has been developed and 
an appropriate closed-loop control system has been designed. The simulation results 
are verified on a special test rig with digital control allowing for varioius control 
strategies and various operating conditions. 
1 Introduction 
A rotor of a large turbo-generator can never be balanced 
perfectly, and furthermore its state of balance is very sensitive 
to thermal asymmetries induced during operation. In addition, 
other mostly unpredictable sources may also contribute to un-
balance. These facts will cause increased vibrations during 
operation and might bring limitations to the start up and shut 
down procedures, i.e., when the rotor passes through critical 
speeds. 
Because of these reasons it is useless to rebalance the rotor 
after a certain time with a conventional method (needless to 
say that this would also be extremely expensive). However it 
would be most useful to balance the rotor automatically during 
operation. 
The main idea to realize this is the following: In order to 
compensate for the unpredictable unbalances we make use of 
the thermal sensitivity by mounting dedicated heating elements 
at the rotor's circumference using them as actively controlled 
actuators. The shaft vibrations are measured at the bearings, 
and with an appropriate feedback control law and a very low 
power input, the distribution of the mass about the rotational 
axis can be changed in a such a way, that the rotor is rebalanced 
during operation. 
Until today the thermal balancing of a rotor is a very rare 
procedure and is only done in some special cases like the 
"static" (i.e., off-line) thermal balancing. This balancing is 
done by adjusting the ventilation in the rotor in order to reduce 
cooling locally (Kawurama and Shoyama, 1978; Hanada et 
al., 1982). But in contrast to the "dynamic" (i.e., on-line) 
balancing method, presented in this paper, the "static'' thermal 
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balancing of a rotor is done at the manufacturer plant and 
can't be changed by the operator of the power plant. 
The idea of balancing a rotor with built-in heating elements 
was already patented in 1964 by General Electric by the in-
ventors William J. Caruso, Herbert N. Hoffman, and Stanford 
Neal (1964). But it seems that until today this principle has 
not been implemented on a rotor and practically tested. 
Figure 1 shows schematically the test rig as it has been used 
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Scheme of the test rig. The main technical data are: 
Total length 3520 mm 
Distance bearing 1-2 1800 mm 
Distance bearing 2-3 1000 mm 
Diameter of the shaft 40 mm 
First critical rotational speed 1700 rpm 
Diameter of the generator with 
the heating elements 180 mm 
Max. heating power of a 
single heating element 400 W 
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Fig. 2 Geometry of a heating plane of the rotor model 
for this work. A rotor is mounted in three elastic bearings. 
For the theoretical approach the bearings are assumed to have 
isotropic stiffness, no mass and no damping. The heating ele-
ments are mounted in 3 sections and in each section there are 
4 elements arranged at the circumference of the rotor. The 
electrical power for the heating elements is transferred by col-
lecting rings to the rotor. Furthermore the bearing vibrations 
as well as the shaft vibrations are measured. The arbitrary 
rotational speed of the rotor is adjusted with a conventional 
DC motor. Finally the whole installation is controlled by a Z 
80 processor. 
In the following sections 2-4 a theoretical model of the 
thermo-elastic rotor will be developed and the closed-loop sys-
tem will also be designed and analyzed. In section 2, a suitable 
and very simple model, namely a first order time lag element 
for the thermal behavior of the heating elements in the rotor 
is developed. Together with this model and a standard modal 
approach for the dynamics of the rotor, a state space repre-
sentation of the thermo-elastic rotor is found in section 3. In 
section 4 the model is expanded with the purpose to reduce 
the vibrations in bearing 1 and 2. The control layout is based 
on an LQ-Regulator. In section 5 the feedback control law is 
implemented on a test rig and the experimental results are 
shown, demonstrating the feasibility and the results of this 
thermal balancing method. Finally some further remarks, es-
pecially on an extension of the method to controlled passing 
of critical speeds, and conclusions are made in section 6. 
2 Deflection of the Rotor due to Asymmetric Thermal 
Stresses 
This section of the paper is concerned with the thermally 
induced bending of the rotor in space and time caused by an 
asymmetric temperature distribution in a cross-section normal 
to the rotor axis. 
The following assumptions are made: 
• the heat conduction is plane, i.e., independent of the 
rotor axis 
• the rotor material is isotropic 
• the heat-absorption capacity of the heating elements 
themselves is neglected 
The equation for the heat conduction then becomes (Boley 
and Weiner, 1960) 
pc = KV T(ri, f, /) 
at 
(2.1) 
where p is the density, c the specific heat, T the temperature, 
and K the thermal conductivity. The boundary conditions are 
modeled first at the outer edge dr0 of the cross-section (see 




and second by assuming a prescribed flux across the surface 




= Q(t) (2.3) 
where d/dn denotes differentiation in the direction of the out-
ward normal to the surface, H is the coefficient of surface 
heat transfer, Te is the external temperature, and q* (t) is the 
prescribed flux across the surface. The initial condition is sim-
ply given by a constant temperature To over the cross-section 
T(n, f, f = 0)=r0(i,, 0=70 (2.4) 
The analysis of the deflection of the rotor with an arbitrary 
temperature distribution is performed under the usual Ber-
noulli-Euler assumptions. According to Boley and Weiner 








with MTv = \A aET^dA; M r f = \A aETrjdA where v and w 
are the displacements of the shaft center in the ??- and f-di-
rection, a is the coefficient of linear thermal expansion, E is 
the modulus of elasticity and 7, and /j- are the moments of 
inertia about these axes. 
In order to get a reasonable model for the thermo-elastic 
rotor, the thermal behavior of the rotor should be described 
by a most simple equation. Therefore a reduction of the model 
(2.1-2.5) will be derived by studying the step answer of the 
system with the prescribed flux q(t) = q0 • h(t), where h(t) 
is the Heaviside unit function. 
Although all these equations are linear they can't be solved 
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= mass matrix 
= damping matrix 
= gyroscopic matrix 
= stiffness matrix 
= nonconservative displace-
ment matrix 
= force vector of sine and 
cosine unbalances in 
fixed coordinates 
= rotational speed 
= force vector in rotating 
coordinates 
= thermal unbalances 













= temperature difference 
vector 
= vector of thermal dis-
placements 
= thermal displacement 
matrix 
= bearing reactions 
= thermal influence coeffi-
cient matrix 
= system matrix 
= input matrix 
= vector of state variables 
= disturbance vector 
= gain matrix 
= vector of bearing reac-
tions 
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Fig. 3 Finite element solution of the step answer of the rotor (input: 
heating; output: curvature of the rotor). 
assumed temperature 
distribution in C - C 
Fig. 4 Assumuming adequate temperature distribution in the cross-
section of the rotor, expansion in the {-direction can be neglected. 
quently, these equations have to be solved with numerical 
methods. The equation of heat conduction (2.1) together with 
the boundary conditions (2.2) and (2.3) was solved with the 
finite element method. A four node isoparametric element was 
chosen for the calculations. Afterwards the integration of the 
thermal moments MTr] and MTi of equation (2.5) was carried 
out by a Gaussian integration of second order for each element 
of the mesh for the cross-section in Fig. 2. The result of this 
numerical integration is shown in Fig. 3. The very smooth 
curvature of Fig. 3 implies that it should be possible to ap-
proximate the functional relations between curvature and heat-
ing power by a most simple analytical model, following the 
subsequent derivations. 
The general solution of a step answer of equation (2.1) is, 
according to Carslaw and Jaeger (1960) of the form 
T(v, r, t) = Tslat(v, D-J^fniv, freTn (2.6) 
From equation (2.5) the analytical solution for the curvature 
w" is also of the form 
w"(t) = w;lal-J]gn.e^ (2.7) 
« = i 
As the influence of the coefficients T„ and g„ decreases with 
an increasing order n, a simple and obvious reduction of equa-
tion (2.7) may be achieved by taking into account only the 
coefficients up to a certain order n. This reduction may be 
done with a sufficient accuracy by neglecting all constants of 
an order higher than 1. Therefore the reduced model for an 
analytical identification of the numerical results becomes 
w"(t) = w;tat-g-eT (2.8) 
In order to get a good identification for the constants T and 
g we minimize the following performance index 
k 
1= 2_l (wi'Simulation-WI'Model) (2.9) 
Fig. 5 Arrangement of the heating elements. Each pair of opposite 
heating elements produces one positive or negative temperature gra-
dient vector AT. 
with k as the number of "measurement points," i.e., the num-
ber of integrating increments, respectively. The curvature w" 
of equation (2.8) can be represented as the solution of the 
differential equation 
W"(0 = - « - w " ( 0 + £•#(!) (2.10) 
with 
a = -, 8= -a-g, w£,, = <jfo*- (2-11) 
T a 
By introducing §(t) is a step function, the solution of (2.10) 
can be used to identify the unknown constants r and g. This 
first order time lag element of equation (2.10) represents now 
the most simple dynamic model for the curvature w" governed 
by the heating power #(/). 
And now, the displacement w can be readily obtained by a 
simple integration along the £-axis, considering the appropriate 
boundary conditions. 
For further calculations in the next section, we need a re-
lation between an average temperature distribution and equa-
tion (2.10). According to Klement (1982), we assume a linear 
temperature distribution in the cross-section of a cylinder (see 
Fig. 4) and integrate with this assumption equation (2.5). In 
this way we obtain the equation 
w" = - f Aff (2.12) 
Finally equation (2.10) and (2.12) yield 
A7}(0 = - aAtf(t) + b%{t) (2.13) 
with b = — —- b 
a 
The deflection for the ij-direction can be obtained in an 
analogous way. 
Equation (2.13) represents now the first result for a theo-
retical approach of the thermoelastic rotor, describing the re-
lation between an assumed linear temperature distribution in 
the rotor and the heating power of a single heating element. 
In the next section, this result (2.13) will be combined with an 
modal approach of the rotordynamics in order to get a the-
oretical model for the thermo-elastic rotor. 
3 Rotordynamics 
In this section a theoretical model of the bearing reactions 
of the rotor is developed. These forces are caused by the ther-
mally induced unbalances as well as by unknown and variable 
unbalances. The rotor model was based on the finite element 
method. The calculations have been made using the program 
MADYN (Klement, 1982), which is a well established software 
package for rotor dynamics. 
With this approach, the dynamic behavior of the rotor is 
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described by a large linear second order differential equation 
system 
Mz + Dz +Gz +Sz + Nz = Os sin fl* + qccosfl/ (3.1) 
where the coefficient matrices represent mass distribution (M), 
damping (D), gyroscopic forces (G), stiffness (S) and noncon-
servative displacement effects (N), q̂  and qc are the force 
vectors of sine and cosine unbalances, respectively, z is the 
vector with the unknown deformations of the shaft in fixed 
coordinates and 0 is the rotational speed. Of course in simple 
cases gyroscopic and nonconservative forces may be neglected 
and a modal representation will be sufficiently accurate. In 
the end, the thermal influence coefficient matrix H will have 
to be determined experimentally. 
A transformation of the force vectors <is and qc to rotating 
coordinates r; and f gives 
f ( / ) = f (3.2) 
where f (t) is the force vector in rotating coordinates. With 
our assumptions this force vector becomes constant in the new 
coordinates. The unbalance vector f of equation (3.2) contains 
on the one hand of course the unknown unbalances f,- and on 
the other hand the thermal unbalances f At caused by the heating 
elements. Therefore, the complete unbalance force vector f of 
the rotor may now be written as 
t = UT+t, (3.3) 
Because the time constants for the bending vibration modes 
of the rotor are orders of magnitude smaller than the time 
constants of the thermal behavior of the rotor, the unbalance 
vector can be considered quasi-static, i.e., additional accel-
eration forces due to nonstationary thermal effects can be 
neglected. 
We first determine the thermal unbalance forces tAT, and 
we do this by calculating the displacements of the rotor axis 
due to the thermal asymmetries. We represent the 12 single 
heating elements by a vector of length 6. Each element of this 
vector corresponds to a pair of opposed heating elements (see 
Fig. 5). The temperature distribution caused by these elements 
is now, according to equation (2.12), described by a temper-
ature difference vector AT 
AT=[AThATnAT2r,AT2tAT3r,AT3f (3.4) 
Since all equations are linear, the displacement of the rotor 
axis due to the thermal asymmetries AT can be obtained by 
superposition and therefore may be written in the following 
form: 
e = FAT (3.5) 
where e is the vector of the thermal displacements and F is the 
thermal displacement matrix. The matrix F was calculated 
numerically with the software package MADYN. According 
to Klement (1982) and Bathe (1982), this displacement e leads 
to the unbalance forces 
fAr=Q
2M.€ = fi2M.F.AT (3.6) 
With this load vector (3.6), equation (3.1) can now be solved 
and the forces in the bearings are obtained. The bearing forces 
consist of two parts, the part fBi beeing directly caused by 
thermal unbalances, the other part fB2 caused by the fact that 
the rotor of figure 1, supported by three bearings, is statistically 
indeterminate. Here too, the result may be obtained by su-
perposition and therefore it is of the following form: 
fB1 = fi
2G(fi)AT (3.7) 
The vector fBl contains the six components in 17- and f-
direction of the forces in the bearings 1 to 3 caused by the 
thermal asymmetries of the heating elements and G(Q) is the 
first part of the thermal influence coefficient matrix. 
For the statically indeterminate rotor, the bending of the 
rotor shaft, which is induced by the thermal asymmetries, 
causes an additional force vector iB2 (Gnielka, 1983) 
fB2 = r -AT (3.8) 
where Y is the second part of the thermal influence coefficient 
matrix. Note that the matrix T is independent of the rotational 
speed 0, therefore it can be obtained by a simple statical anal-
ysis of the rotor! 
Finally, the complete force vector of all unbalances is written 
with (3.7) and (3.8) as 
fB = (fi
2G(Q) + r)AT + f2,,= H(fi)AT + f/J, (3.9) 
where H(fi) is the complete thermal influence coefficient matrix 
and the vector iBi contains the unknown unbalances that will 
have to be counteracted by the controlled heating of the rotor. 
In order to combine the rotordynamics of equation (3.9) 
with the time dependent thermal behavior of the rotor, equa-
tion (2.13) is now rewritten in a matrix notation containing all 
6 pairs of heating elements: 
AT(0=A.AT( t ) + B.#(t) (3.10) 
with A = -a • I and B = b • I. The vector # ( 0 contains 
the heating power for the six pairs of heating elements. 
Inserting equation (3.10) in equation (3.9), we finally obtain 
the mathematical model of the thermo-elastic rotor: 
f B (0=A. f B ( r ) + H(Q).B.§(0-A.f f l j ( t ) (3.11) 
Equation (3.11) describes the bearing forces iB(t) of the 
thermo-elastic rotor. The equation (3.11) is written in rotor-
fixed coordinates, i.e., the vector iB (/) describes the harmonic 
synchronous reactions in the bearings. These reactions iB(t) 
are caused by the thermally induced unbalances, which depend 
on the heating power $(f) of the controlled heating elements, 
and on the unknown unbalances forces iBj(t). Note that the 
form of equation (3.11) is independent of the modal approach, 
i.e., this solution would have the same form with any other 
method based on a linear theory, specifically gyroscopic and 
nonconservative forces do not alter this result. Thus, for a 
practical implementation of this balancing scheme, the modal 
method may be replaced by the well known influence coeffi-
cient method. In the next section a closed-loop feedback con-
trol system for this model has to be designed. This feedback 
controller should minimize the bearing reactions vector iB. 
4 Design of a Feedback Control System 
For the balanced rotor we obtain from (3.11) for fB = 0 
and f B = 0 the following relation for #: 
§ = (H(Q).B)-'Afflj (4.1) 
In this form, however, the controlled heating $ is not yet 
practically feasible. Due to the relative position of the heating 
elements with respect to the bearings 1, 2, and 3 along the 
rotor axis, a rather small unbalance at bearing 3 would require 
a very large heating power vector $, a situation which is re-
flected in the numerical condition of matrix H(Q). Therefore, 
a feasible controller has to eliminate the bearing reactions in 
the bearings 1 and 2, whereas the reactions in the bearing 3 
should remain sufficiently small. In order to accommodate for 
the stationary values of the bearing reactions 1 and 2, addi-
tional variables, the integrals of the bearing reactions 1 and 
2, are added to the system. With 
W= j Undt (4.2) 
where im2 is the vector of the forces in the bearings 1 and 2 
and ffli2/is its integral, the system (3.11) will be expanded and 
it becomes 
x ( 0 = A e x ( / ) + B , , u ( 0 + 2 e ( 0 (4.3) 
where x(t) is the vector of the ten state variables of the ex-
panded system, Ae is the system matrix, Be in the input matrix 
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Fig. 6 Simulation result of the closed-loop system showing all bearing 
forces in rotating coordinates in ?/- and ^-direction 
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Fig. 7 Example of the bearing vibrations caused by a Heaviside input 
function of a heating element. The plot shows only the vibrations in the 
indirection. The plot for the {"-direction looks similar. It is clearly visible 
that the vibrations in bearing 1 and 2 increase significantly whereas they 
remain very small in bearing 3. This situation is reflected in the numerical 
condition of matrix H(fl). 
and ze(t) is the disturbance vector containing the unknown 
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The expanded system (4.3) is completely observable and 
controllable, (Gnielka, 1983; Geering, 1988). Therefore we 
may choose as a state feedback controller the so called LQ-
Regulator or Riccati-Regulator for time invariant systems. The 
control design follows well established rules of control theory, 
shown for example by Astrom and Wittenmark (1984). Because 
this controller will be installed on a digital computer, the LQ-
Regulator has to be designed for a discrete time system: 
xk+i = Ar;xk + BDuk + BDzzk (4.5) 
with xk = x(k) = x(k • Ts), uk = u(k • 7^) = §(/) and zk 
= z(k • Ts) where Ts is the sampling time. Equation (4.5) is 
obtained by the transformations 
A1, = * ( r 5 ) = e
4 « Br 
r 
Jo 
= *(T)BerfT, BDz -r 
•Jo 
$(T)G?T (4.6) 
where *(0 is the transition matrix of Ae. 




with the weighting matrices Q and R has to be minimized. 
For our calculations we have chosen R as identity matrix 
and Q as diagonal matrix whose values depend on the scaling 
of the state vector. The actual values of the diagonal elements 
of Q are not of much relevance in this context as the design 
is not very sensitive to their choice. The advantage of the LQ-
regulator approach is that it renders a reasonably robust and 
simple control. 
Optimizing the performance index (4.7), we obtain by usual 
control theory the control law 
uk= -Kxk (4.8) 
together with the gain matrix K (Astrom and Wittenmark, 
1984; Isermann, 1987). The gain matrix K relates the heating 
power uk of the control elements to the "bearing forces" xk. 
Some values, obtained in simulation and experiment, for the 
heating power needed for the control of certain vibrations are 
given in section 5. 
An example of a simulated feedback control is shown in 
Fig. 6. In this simulation the unknown unbalance vector iscom 
which has to be reduced by the thermal control, has been 
assumed to be constant. As a result one can see clearly that 
the forces in the bearings 1 and 2 become zero, whereas the 
forces in bearing 3 increase slightly. But they remain at an 
acceptable level and therefore the demand for no vibrations 
in bearing 1 and 2 and small vibrations in bearing 3 is fulfilled. 
So, we think this feedback controller is a good solution for 
this balancing problem. It has been implemented on the test 
rig of Fig. 1, which is shown in the next section together with 
experimental results. 
5 Implementation on a Test Rig and Experimental Re-
sults 
The theory developed in sections 2-4 is now applied to a 
practical example, that is the test rig of Fig. 1. 
In order to realize a feedback control for the test rig, the 
Matrices A and H(fl)B of equation (3.11) have first to be 
identified. This identification has to be done experimentally. 
Since we measure the bearing vibrations yB or the shaft vi-
brations &B, respectively, instead of the bearing forces f̂ , equa-
tion (3.11) has to be modified accordingly. 
Assuming a linear relation between the bearing reactions iB 
and the bearing vibrations \B, equation (3.9) may be rewritten 
as 
vB = H„(Q)AT+y i); (5.1) 
where HV(Q) is the thermal influence coefficient matrix for the 
bearing vibrations. Hence, using the bearing vibrations \B as 
state variables, equation (3.11) becomes 
v J , ( 0 = A . v i l ( 0 + H 1 , ( 0 ) . B . 5 ( 0 - A . v i B (5.2) 
The experimental identification of these matrices was bas-
ically done following the well known influence coefficient 
method (Kellenberger, 1987). In contrast to this conventional 
method the rotor has to be balanced for just one rotational 
speed Q1; as specified below, but here the unknown unbalances 
in the rotor need not to be constant for the whole working life 
of the rotor, since the purpose of the closed-loop controller 
(4.8) is to eliminate these unpredictable unbalances. In order 
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Bearing ill 
0 5 0 0 1 0 0 0 0 5 0 0 1 0 0 0 
Time [s] Time [s] 
Bearing #2 
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Time [s] Time [s] 
Bearing #3 
0 5 0 0 1 0 0 0 0 5 0 0 1 0 0 0 
Time [s] Time [s] 
: Experimental results — — : Numerical results 
Fig. 8 Experimental and numerical results (rotational speed n = 1700 
rpm) 
to get a good controller, it is of course essential to know the 
time constants of the heating elements. According to section 
2, these time constants may be determined by a step answer 
of each heating element of the rotor. A short description of 
this identification procedure is given below. 
First, the unknown bearing vibration unbalance 
vB, = vao (5.3) 
is measured. We assume that the unknown unbalance remains 
constant during the entire procedure of identification. For 
safely reasons the measurements have been done at a subcritical 
rotational speed n = 1600 rpm or fii = 178 rad/s, respectively 
(the first bending mode of the rotor is approx. at n = 1700 
rpm). 
Second, the step answer of each heating element vBm is meas-
ured, and compensating it with the initial bearing vibration 
\Bio we obtain the compensated step answer 
VB = vBm-vB;o (5.4) 
Figure 7 shows an example of such a (compensated) step 
answer, representing the bearing vibrations which are caused 
by the thermally induced unbalances. 
According to equation (2.12), the time constants T of the 
heating elements, which are modeled as first order time lag 
elements, can be identified, and so the system matrix A is 
determined. Furthermore for the stationary data, i.e., \B ~ 
0, we obtain the stationary thermal influence coefficient matrix 
Hvslat with 
Vfl = H „ ^ (5.5) 
For yB = 0 equations (5.2) and (5.5) yield 
H„(0 , )B=-AH I , ^ (5.6) 
With this equation the system identification is complete. 
The accuracy of the system matrices A and H(Q,)B is about 
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10 percent to 20 percent. The reason for this rather mediocre 
accuracy comes from an asymmetry of opposite heating ele-
ments as observed in the measurements (theoretically they 
should give the same results with the opposite sign). With this 
identified model (5.2) we may now, according to section 4, 
design the feedback control (again iB has to be replaced by 
yB). 
This feedback control has been implemented on the test rig. 
Figure 9 shows the measured results. It is plotted together with 
the results of the numerical simulation. 
According to the VDI-standard 2056 and the ISO-standard 
2372, the class of balancing was rated between "unsatisfac-
tory" and "satisfactory" before the thermal balancing and 
with "good" after the balancing, which is the best class of 
balancing. The total consumption of the stationary heating 
power was approximately 200 W, the peak value was below 
550 W. 
Concluding this work, we think that this new thermal on-
line balancing method has fully met our expectations. The 
quality of the balancing has been improved significantly over 
conventional methods. 
6 Conclusions and Additional Remarks 
For a rotor with small variable unbalances, as for example 
a large turbo-generator, a thermal on-line feedback control 
has been designed in theory and experiment, that efficiently 
reduces the unbalance loads in the bearings. 
The thermo-elastic properties of the rotor have been deter-
mined, demonstrating that the dynamic behavior of a single 
heating element can be modeled with sufficient accuracy as a 
first order time lag element. With this and a simple modal 
approach for the rotordynamics, the model of the thermo-
elastic rotor can be described by a standard linear first order 
differential equation system in state space representation. Since 
all the state variables (bearing vibrations) are directly meas-
ured, it is possible to choose a state feedback controller. In 
this example we took the well known LQ- or Riccati-Regulator. 
For a practical implementation on a test rig the matrices of 
the system were identified according to the influence coefficient 
method which includes also the gyroscopic as well as the non-
conservative effects. Additionally the time constants have been 
identified, too. 
The main advantages of this new method are summarized 
as follows: 
8 The balancing takes place on-line, in an active feedback 
control-loop. Therefore, the method is ideally suited to cope 
with unpredictable unbalances, e.g., of large turbogenerator 
rotors, which often occur during operation due to various time 
dependent effects. 
• The quality of the achieved balancing can be rated as 
"good." 
• The order of the mathematical description of the thermo-
elastic rotor is equal to the number of measured bearing forces, 
therefore a state feedback controller may be used. 
» The realization is inexpensive compared to the cost of a 
large rotor system. Furthermore, it operates automatically after 
installation. 
In a further step this method, designed for a constant ro-
tational speed, can be extended to varying rotational speeds. 
The main restriction that will have to be considered in this 
case will be the time constant of changes in rotational speed. 
This time constant has to be of the same order of magnitude 
as the time constant of the thermal actuator elements. 
A possible solution for this problem could be a gain sched-
uling of the feedback matrix for different ranges of rotational 
speeds with an exception handling when the rotor passes 
through critical speeds. In such a case the feedback controller 
gains could be frozen until the critical speed range is passed. 
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With this method it would be possible to control the rotor 
over its entire range of operation. 
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